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Abstract: A good efficiency performance of a pump over a wide range of displacement conditions is crucially important for
variable pump control systems to save energy. However, according to the literature, less attention has been paid to the under-
standing of the efficiency, leakage flow, and compression flow characteristics of the pump with respect to displacement conditions.
In this study, a test bench was built, and a novel explicit volumetric loss model was proposed to investigate these problems. The
overall efficiency is found to drop considerably with the decreasing displacement. The volumetric losses range from 13% to 47%
of the total power losses of pump at the rated speed, under the conditions of pressure ranging from 5 to 35 MPa and displacement
ranging from 13% to 100% of full displacement. The highest proportion of compression flow losses in the total volumetric losses
of pump at the rated speed can reach up to 41% when the pressure and displacement are greater than 30 MPa and 88% of full
displacement, respectively; after that, the proportion gradually decreases with decreasing displacement. However, the leakage
flow generally increases with decreasing displacement, or may decrease first and begin to increase after the minimum with the
further decrease of displacement. In the components of leakage of slipper/swash plate pair, the squeeze leakage is found to reach a
magnitude equal to that of the Poiseuille leakage. The findings can guide the further research and design of pumps with better
efficiency performance.
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1 Introduction

Efficiency performance is a major sales argu-
ment of axial piston pumps today in a majority of
industrial markets. Volumetric losses are one of the
important factors responsible for efficiency decrease
of a pump. Such losses can be generated in the lu-
bricating gaps of pump, known as leakage flow losses,
and in the pump displacement chamber, known as
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compression flow losses. So far, a large number of
studies related to the leakage flow in the lubricating
gaps of pump have been carried out. The involved
lubricating gaps in the pump include piston/cylinder
interface, slipper/swash plate interface, valve plate/
cylinder interface, and piston/slipper spherical
bearings.

Traditionally, Poiseulle equation and Couette
equation are used to evaluate the leakage via piston/
cylinder interface (Ivantysyn and Ivantysynova, 2001;
Ma et al., 2010b; Guan et al., 2014). A more precise
way is via using the 2D Reynolds equation of lubri-
cation (Xu et al., 2013; Mizell and Ivantysynova,
2014; Wegner et al., 2014; Lin and Hu, 2015). Pistons
in some pumps often have several grooves cut along
the axis in order to increase stability, decrease friction,
and reduce lateral forces. Some attempts have been
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made to find the leakage flow theoretically taking into
account the effect of grooves (Kumar and Bergada,
2013).

A detailed review and discussion on the study
related to the leakage via slipper/swash plate interface
since 1962 and cylinder/valve plate gap since 1974
was made by Bergada et al. (2012a). On the basis of
the discussion of previous studies, they found that no
study was performed on the slippers with non-
vented grooves. Therefore, in their studies they
carefully derived the equations to calculate the leak-
age via the slipper/swash plate interface, in which the
slipper had non-vented grooves. They also derived the
explicit equations to compute the leakage and pres-
sure distribution between the cylinder and valve plate
(Bergada et al., 2012a; 2012b).

The leakage of piston/slipper spherical bearing is
very small compared with other leakages of the pump.
Therefore, most of the studies done on the piston/
slipper spherical bearing are related to friction torque
(Kazama, 2008). Recently, the equations for calcu-
lating the leakage through the piston/slipper spherical
bearing were derived by Bergada et al. (2012a).

From the review of the previous studies, it can be
found that studies on the leakage of each individual
lubricating gap of the pump are specific. However,
little attention has been paid to the variation charac-
teristics of leakage flow of the pump versus the dis-
placement conditions. With the fast development of
the technology related to pump control system, vari-
able displacement pumps are getting wider employ-
ment in various fields. Variable displacement pumps
usually have to work under the displacement condi-
tions varying within a large range, to improve the
power matching between the pump and the load to
save energy. Therefore, a deeper insight of the varia-
tion characteristics of various volumetric losses ver-
sus displacement conditions is indispensable. By
reviewing the leakage equations derived in the pre-
vious studies, it can also be found that the previous
equations to calculate the leakage via slipper/swash
plate gap, which is the uppermost leakage source
directly related to the displacement conditions, are
merely linked with the differential pressure effect.
However, there are other factors affecting the leakage,
for instance, the micro squeezing motion of slipper,
the spin motion of slipper, etc. Therefore, a deeper

insight into the leakage mechanism of slipper/swash
plate pair is necessary.

According to the literature, the compression
flow characteristic of pump over wide operating
ranges is not fully known as well. A comparison of the
flow ripple of pump, which was simulated from a
verified model with compressible and incompressible
fluids, was made by Ma ef al. (2010a). The compar-
ison shows that the flow ripple is one order of mag-
nitude larger when the simulation employed the
compressible hydraulic oil. The computation results
with the compressible fluid better agree with the ex-
perimental results. Recently, the power losses due to
compressibility of oil in the pump under two cases of
full displacement conditions were measured by Zec-
chi et al. (2013). They found that the power losses due
to oil compressibility at full displacement conditions
are an important source of power losses of a pump.

In this study, a series of experiment-based stud-
ies on the efficiency and losses of a typical axial
piston pump over wide operating ranges are per-
formed. Furthermore, a novel model capable of
providing an explicit insight into the volumetric
losses of pump is proposed to analyze the mechanism
of leakage and deepen the understanding of the vari-
ation of volumetric losses with the displacement
conditions.

2 Simulation modeling

A novel explicit volumetric losses model of a
pump is developed, as shown in Fig. 1. The transient
pressure of oil in a certain piston chamber can be
represented by (Edge and Darling, 1989)

dp. _ oK. (1)
a v’
qsp = qr - qi - qlp - qls - qlV’ (2)

where p. denotes the transient pressure of oil in piston
chamber, V. stands for the volume of oil in piston
chamber, g, represents the flow rate via the single
piston chamber, gi,, gis, and g, denote the leakage
flow of piston/cylinder pair, slipper/swash plate pair,
and valve plate/cylinder pair, respectively, g; is the
discharge and intake flow, and ¢, denotes the flow rate
generated by the reciprocating motion of piston, as
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Eq. (3) describes. The compressibility of oil is con-
sidered by the elastic modulus of the oil, K.

= AV, G)

where A4, is the piston crosssection area, v, stands for
the velocity of piston, derived from the dynamics
module, which models the kinematics and dynamics
of the pump parts, and transmits the kinematics pa-
rameters to the hydraulic module in real time, in-
cluding the displacement dq4, and the velocity vyq, of
the stroking piston, as well as the velocity of each
piston. The stroking piston module supplies the
driving force for the variable displacement piston of
the pump in dynamics module to achieve different
displacement conditions.

Expression for modeling the discharge and in-
take flow represented by the variable ¢; in Eq. (2) for
the piston might be given by the classical orifice
equation, which is based on the Bernoulli principle,
described in a form of (Manring, 2000; Ericson and
Palmberg, 2012; Mandal et al., 2012; Huang et al.,
2014; Xu et al., 2015a; 2015b)

=CrA|‘V2'|pkp_pc |/p‘Sign(pkp _pc)7

where C; is the discharge coefficient, p is the oil den-
sity, and py,, is the pressure in the kidney port, which
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repeatedly changes between the discharge pressure
and intake pressure with the cylinder block rotating
around the shaft. The flow area 4,, which is integrated
in the hydraulic module as valve plate model shown
in Fig. 1, is described by a piecewise function divided
into eight sections. The flow area over one revolution
of shaft is portrayed in Fig. 2, where ODC is the outer
dead center.

On the basis of the clearance flow theory be-
tween two parallel disks, the leakage flow via the
constant valve plate/cylinder gap can be derived as
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Fig. 1 Explicit volumetric losses model of the pump



Xu et al. / J Zhejiang Univ-Sci A (Appl Phys & Eng) 2016 17(3):186-201 189

of valve plate/cylinder pair, R;, Ry, R3, and R4 are the
structure parameters of valve plate, u is the dynamic
viscosity of oil, and pg is the pressure of oil in the
pump case.

The variation of pump displacement conditions
directly influences the leakage flow via the piston/
cylinder gap and slipper/swash plate gap. Therefore,
the considerable emphasis in this study is mainly
placed on the leakage of the piston/cylinder pair and
slipper/swash plate pair. The leakage via the piston/
cylinder gap is affected by the Poiseuille flow, which
is linked with the differential pressure, and the
Couette flow, which is linked with the piston velocity,
as Eq. (6) describes:

5’ nd O v,

nd
P (1+1.562)(p, — po) ——=2, (6

p

qlp =

where d, is the diameter of piston, /; is the gap length
between piston and bush, J, is the oil film depth of
piston/cylinder pair, and &, is the eccentricity of piston
in cylinder bore.

The leakage flow via the slipper/swash plate gap
consists of Poiseuille flow, Couette flow, and squeeze
flow. The Poiseuille flow is linked with the differen-
tial pressure between slipper chamber and pump case;
the Couette flow is linked with the revolution motion
velocity and spin motion velocity of slipper; the
squeeze flow is related to the squeeze velocity of the
slipper.

The fluid continuity equation can be generally
described in the form of Eq. (7), where z stands for the
direction of oil film depth of slipper/swash plate pair,
and r stands for the length in the radial direction.

oy, 1oy, ov, v 7
or r o0 oz r

With the Navier—Stokes equation and fluid con-
tinuity equation, Eq. (8) can be derived, where wq, is
the spin angular velocity of the slipper, and J; is the
oil film depth of slipper/swash plate pair. More detail
of the derivation procedure of Eq. (8) can be found in
Appendix A.

lop v, paoir?
uor oz 7%

S

®)

Since the oil film depth is generally several mi-
crometers, the variation of pressure in the direction of
oil film depth is very small and can be neglected.
Therefore, the pressure distribution of oil film of
slipper/swash plate pair can be considered only a
function of the variable . The boundary condition of
Eq. (8) can be described as

z=0 v =0
) r ) 9
{_5 " 9)

By substituting the boundary condition shown in
Eq. (9), Eq. (10) can be derived via the integration of
Eq. (8) over the oil film depth:

2 4
U,:L@Z(z—é;)—ﬂ 2_2_ng ) (10)
2u dr 12u  6;

The flow rate of fluid film flowing via the
clearance between slipper and swash plate in the ra-
dial direction can be derived by integrating Eq. (10)
over the oil film depth along the circumferential di-
rection, as shown as

S
qteml = IO 2nrl)rdz = que + qsme’ (1 1)
. dp
=—— 12
que 6/,! d}" ( )
g = nps.l 1’ (13)
sme 20/Ll ?

where g¢pqe is the Poiseuille flow, and ggme is the
Couette flow caused by the centrifugal force of a
certain representative elemental mass of oil film in the
lubricating interface between the slipper and swash
plate, due to the spin motion of slipper. Integrating
Eq. (12) over the radius r yields

né‘f Ap,

e = 6 pIn(R /1) (14)

where Ap; stands for the differential pressure between
slipper chamber and pump case, and R, and 7 denote
the radius of slipper and slipper chamber, respectively.
Integrating Eq. (13) over the radius r yields
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R, S W), .
= dr=—"=>"2(R’-17),
qu J’,{; qsme 6 0# ( S S )

(15)
where ¢y is the leakage flow caused by the centrif-
ugal force of oil film in the lubricating interface be-
tween slipper and swash plate, due to the spin motion
of slipper.

As Fig. 3 shows, the slipper slides on the swash
plate plane along an elliptical locus at the angular
speed of wm,. The oil film in the clearance between
slipper and swash plate is distributed in the annular
area between the outer radius R, and the inner radius
rs of the slipper. The oil film field is divided into four
quadrants by the established coordinate system o-xy,
as shown in Fig. 3, where Si, S,, S5, and Sy stand for
the quadrants divided by the o-xy coordinate system.

Fig. 3 Diagram for the derivation of Couette flow caused
by the revolution motion of slipper

Taking a certain representative elemental vol-
ume dv of oil film as the analytical object, the corre-
sponding tangential velocity v, of the representative
elemental volume can be derived as (Xu et al., 2012)

3 zcosﬂ\/l2 +77 = 2lrcos(nm—6)

0 2 2 .2 p° (16)
0,(cos”¢ + cos” Bsin” @)
B . cos¢ ’
[=R,,|[sin ¢+[c0sﬂ) , (17)

where / is the distance between the points os and o, w,
is the angular speed of pump, £ is the swash plate

angle, R, is the pitch circle radius of piston, and ¢ is

the angular position of shaft. The radial velocity

component v,, of the representative elemental volume
is derived from Eq. (16) as

v, =v,sind. (18)

The Couette flow caused by the revolution mo-

tion of slipper can be derived by the integration of the

radial velocity of the representative elemental volume

over the total volume of oil film field, as shown by

Eq. (19), where the subscripts 1, 2, 3, and 4 stand for
the number of quadrants, as shown in Fig. 3.

G=] [ [ 0, drdzdo
v, drdzd0

Ry 0y J'“
1, Jz=0J6=n/2 or2

R, ¢85 (312
+ J. J. v,,,drdzd 6
[ z=04JO=n

+

(19)

+ :“jiij:“ v, drdzd6.

—3m2 o4

For a certain representative annular elemental
area 2nrdr of the oil film, the initial flow rate without
squeezing is described by Eq. (12). However, actually
due to the squeezing movement of slipper, the
squeezed oil film will give rise to a variation of the
flow rate, which can be calculated by Eq. (20) derived
from Eq. (12):

3

dg =—-2nd 5—Srd—p .
12u dr

The variation of the flow rate is equal to the ex-
trusion flow along the annular surface of the repre-

(20)

sentative annular elemental area 2mrdr of oil film,
given by

3
2nrdr _dé‘s =-2nd % rd—p .
dt 12u dr

By substituting the boundary condition de-
scribed in Eq. (22), Eq. (23) can be derived by the
integration of Eq. (21) over the radius 7.

e2y)
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}":Vs, p:p5’
(22
{rst’ p=p0’ )
B In(z, /r)
r=(p, pO)ln(Rs/rs)
23
3pudo; In(r. /r) (23)

2 (2 _R2 +p,
{(r 1) - S)ln(RS/rs) )2

+
S dt
where py is the pressure of oil in slipper chamber. The
second term on the right of Eq. (23) represents the
pressure caused by the squeezing effect of the oil film.
Based on Eq. (23), we can obtain

W _(pmp) oy, 348

dr  In(R/r) 5 dr
3udo. - @4
F B R -2 :
o, dt In(R,/r,)

By substituting Eq. (24) into Eq. (12), Eq. (25)
can be derived:

_m (p=py) 240,

6u In(R /1) de
LR =) do,
2 In(R /r)) dt

(25)

The leakage flowing from slipper chamber to the
pump case can be calculated from Eq. (25) by sub-
stituting the variable » with the value of 7, as given by
Eq. (26). The first term on the right of Eq. (26) rep-
resents the leakage flow caused by the differential
pressure effect, and the second and third terms rep-
resent the leakage flow caused by the squeeze effect.

_ w5 (=P )
6u In(R/r) ° dt
(TR 1) ds,

2 In(R/r) dt

(26)

The variation of the flow rate caused by the
change of volume of slipper chamber due to the
squeezed oil film is given by

, do, . @7)

dt

qtemZ = TU"S

From Eqgs. (26) and (27), the composite extru-
sion flow of slipper/swash plate pair caused by the
squeeze effect of oil film can be derived as

R (R -r)ds,
T T R ) di

(28)

With Egs. (14), (15), (19), and (28), the leakage
flow via the clearance between the slipper and swash
plate can be finally derived as

oA npd. @’
g =l SO ()
6uIn(R /1) 604
(TR =) ds,
2 In(R,/r,) dt
Ry péy pm2
+>|.rs IZZOIB:OU drdZde

orl

[ puadrzdo e

0 n or2

IR

or3

R oy 2m
U 0,4drdzdo.
1, dz=0J6=31/2

The output flow rate of pump is equal to the sum
of the discharge flow of all piston/cylinder pairs of
pump as

Qol = zqspi 4 (30)
i=1

where z, stands for the number of pistons in the
high-pressure discharge side of the pump. The flow
rate via the throttling valve of throttling loading
module portrayed in Fig. 1 can be determined by

2
0, = CqAﬂ —Apy,
\ o

where ¢, is the flow coefficient, 4y is the throttling
area, and Apy is the differential pressure. Due to fluid
continuity and fluid compressibility of oil in the
output pipeline between the output port of pump and
the throttling valve, we can obtain

G

Ve dp
K, dt’

0,-0,= (32)
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where V,, is the volume of oil in output pipeline be-
tween output port of pump and throttling valve. Fi-
nally, the fluid character of the pump can be repre-
sented by Eq. (33), derived from Egs. (30)—(32):

Ve dp 2 i
Kp E_{—chTl ;Aptl :; qspi‘

€

(33)

3 Experimental

A test bed to measure the efficiency and losses of
pump was built, which is shown in Fig. 4. A typical
axial piston pump widely used in the industry is
chosen as the test pump, whose displacement is
90 cm’/r, with the rated pressure of 35 MPa and rated
speed of 2100 r/min. Experiments were carried out
over a range of working conditions varying from 13%
to 100% of full displacement, with four groups of
speeds varying between 1000 and 2100 r/min, as well
as seven groups of pressure levels, from 5 to 35 MPa
in increments of 5 MPa.

The variable-displacement servo piston of test
pump was fixed by the stopper bolt to control the
displacement stably. The hydraulic oil in the circuit
was exchanged by using an additional pump to con-
trol the oil temperature. Pressure sensors and pressure
gages were mounted on the input port, output port,
and the leakage drain pipeline of the pump to monitor
the pressure; also flow sensors were mounted at the-
ses points to monitor the flow rate. A speed sensor
and a torque sensor were mounted on the driving shaft

S (R
T T
Flow r’n,eter, g /!3
Qo (L/min)  Relief valve | Relief valve

(0-35MPa) | (0-3MPa)

Output port pressure,
Pio (MPa)

),-Test pump

Input port pressure,

Torque meter

T(N-m), n(r/min) Oil cooler

Electric motor

Drain pi(MPa) -, temperature,
pressure, Toil ) Additional pump
Pdrain (Mpa) =X /
5Iow |r_T}et_er, = o
in (L/min
drain ( ) Flcciv(\/LTr(Ta]tiﬁ;, ollEHE™

Oil tank

(a)

v
Qil tank

of pump to measure the input speed and torque of the
pump. The speed of pump was adjusted by a variable-
frequency motor. The load of the test pump was
changed by adjusting the relief valve. The test data
output by all the sensors with the standard signal were
directly collected by the NI data acquisition card and
transferred to the computer with the aid of data ac-
quisition software. The volumetric losses Pyy, and the
hydro-mechanical losses Py, of test pump could be
derived by Egs. (34) and (35) from the measured data.
The overall efficiency 7.y, volumetric efficiency #y,
and mechanical efficiency 7y can be calculated by
Egs. (36)—(38), respectively. The total leakage flow ¢,
and compression flow g, of pump can be derived by
Egs. (39) and (40), respectively.

Pth = (Q] - Qo )(plo - pdrain )’ (34)
Rip=21Tn = (p,, = Py)Q, = (Pry = Parin (D, = D, (35)

Moy = Qo (P, — py) | (20Th), (36)
ny =1-(0 -0,))/0, (37

M =0/ v » (38)

9 = Oiin-> (39)

9o = O = Oy = Oin- (40)

where Q; stands for the input flow rate of the pump,
0, is the output flow rate, pj, and py; stand for the
output port pressure and input port pressure, respec-
tively, Pdrin 18 the drain pressure, Qgrain 1S the leakage
flow of pump, 7 stands for the input torque, and 7 is
the speed.

~snececees:
2o
‘

Test pump

Fig. 4 Test circuit diagram (a) and test bed (b)
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4 Results and discussion
4.1 Efficiency and comparison of losses

As shown in Figs. 5 and 6, the maximum overall
efficiency of the test pump at a speed of 2100 r/min
and 1000 r/min can reach 90%; nevertheless, with the
decrease of displacement, the overall efficiency drops
considerably. The highest overall efficiency of test
pump can reach up to 90%, which demonstrates that
the test pump works very well. Comparison between
Figs. 5 and 6 shows that, with the decrease of speed
from the rated speed (i.e., 2100 r/min) to 48% of the
rated speed (i.e., 1000 r/min), the low-efficiency area
of pump increases significantly, gradually extending
from low displacement conditions to large displace-
ment conditions. Correspondingly, the high-efficiency
area of the pump gradually decreases, and moves
from the middle-high pressure conditions to middle-
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Fig. 5 Overall efficiency of pump measured by experiment
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low pressure conditions. In Figs. 5 and 6, ¢4 and ¢4 max
stand for a certain displacement and the full dis-
placement of pump, respectively.

Comparison between volumetric losses and the
corresponding hydro-mechanical losses of pump at
the rated speed of 2100 r/min is shown in Fig. 7. The
volumetric losses are found to be generally lower than
the hydro-mechanical losses over a wide operating
range. At the conditions of high pressure ranging
from 30 to 35 MPa and large displacement ranging
from 77% to 100% of full displacement, the volu-
metric losses can take the highest proportion, making
up 47% of the pump’s total power losses. After that,
with the decrease of displacement or pressure, the
proportion occupied by the volumetric losses gradu-
ally decreases. When the pressure decreases to 5 MPa
and the displacement decreases to 13% of the full
displacement, the proportion of volumetric losses in
the total power losses of pump drops to 13%.

100
’\,; Open symbol: hydro-mechanical losses
< 90+ Solid symbol: volumetric losses
(2]
3 80t
g o
5] = Gy max
§_ 60 —e—0.77g,
= 50 —o-0.77q, °
g 40 —-4-0.51q, .
£ -a-0.51q
c 30 L dmax
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g 20r . 03,
g 10+ —-0.28q, =~ ->0.13q,
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0 5 10 15 20 25 30 35
Pressure (MPa)

Fig. 7 Comparison of power losses of pump at the rated
speed of 2100 r/min derived from the test data

Comparison of the proportion of leakage flow
and compression flow in the total volumetric losses of
pump at the rated speed of 2100 r/min is shown in
Fig. 8. On the whole, the proportion of compression
flow gradually decreases with the decrease of pres-
sure or displacement. Under the condition of 13% of
full displacement, the compression flow merely
makes up several percent of the total volumetric
losses. When the pressure is lower than 5 MPa or the
displacement is lower than 38% of full displacement,
the proportion of compression flow is lower than 20%.
However, when the pressure is greater than 30 MPa
and the pump displacement is greater than 88% of full
displacement, the highest proportion of compression
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flow losses in the total volumetric losses can reach up
to 41%.
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Fig. 8 Comparison between leakage flow and compression
flow of pump at the rated speed of 2100 r/min, derived
from the test data

4.2 Components analysis of leakage flow via the
gap between slipper and swash plate

To obtain explicit insight into the mechanism of
leakage flow of the pump by the constructed model
portrayed in Fig. 1, there are several parameters that
are needed to be determined, for instance, the oil film
depth, the eccentricity of piston in cylinder bore, the
spin motion velocity of slipper, the squeeze velocity
of oil film, etc. These parameters are hard to measure
and depend upon the different transient working
conditions of the pump. One of the available solutions
is to use a verified implicit numerical program to find
out the value of the parameters. The implicit numer-
ical program models are built by using the Reynolds
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equation of lubrication, solved with the finite volume
method (FVM), taking the influences of dynamic
macro-motion and micro-motion of parts, the elastic
deformation, the force equilibrium, and the pressure—
viscosity effect into consideration. The details are
given in the previous studies of the authors (Xu et al.,
2012; 2013).

The depth fields of oil film in piston/cylinder
interface and slipper/swash plate interface are illus-
trated in Fig. 9. Generally, the depth fields are in
non-uniform distribution. The angle axis in Fig. 9a
stands for the angular position in circumferential
direction around the piston, and the length ratio axis
stands for the contact length ratio between the piston
and bush.

To consider the impact of the non-uniform depth
field of oil film on the leakage flow, the non-uniform
depth field is considered as the mean depth at each
angular position of the piston. The mean depth of oil
film is the mean value of the depth of each discrete
nodes of oil film field, as described in Egs. (41) and
(42), where dpm and g, denote the mean depths of oil
film of piston/cylinder pair and slipper/swash plate
pair, respectively, K, and K; are the total numbers of
discrete nodes of oil film field of piston/cylinder pair
and slipper/swash plate pair, and Jy and Jy are the
depths of the kth discrete node of oil film field of the
piston/cylinder pair and the slipper/swash plate pair,
respectively. The discretization methods of oil film
field of piston/cylinder pair and slipper/swash plate
pair are introduced in detail in the previous studies
undertaken by the present authors (Xu et al., 2012;
2013; 2015¢).

Fig. 9 Depth field of oil film obtained by simulation at 1500 r/min pump turning speed, 28 MPa pressure, and full dis-
placement: (a) oil film of piston/cylinder pair, at the angular position of 159° relative to the outer dead point of piston;
(b) oil film of slipper/swash plate pair at the angular position of 21° relative to the outer dead point of piston
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The leakage of single slipper/swash plate pair is
explicitly analyzed and shown in Fig. 10, consisting
of four components: the Poiseuille flow caused by the
differential pressure effect, the squeeze flow caused
by the squeeze effect, the Couette flow caused by the
spin motion, and the revolution motion of slipper. g.s
represents the leakage flow via the slipper/swash
plate gap caused by the different effects discussed
above. The spin motion velocity of slipper is ap-
proximately equal to the speed of the shaft, according
to the experimental results measured by Fang and
Ikeya (1992) and Tanaka et al. (2003). The squeeze
velocity of slipper is shown in Fig. 11.

For a long time, in the conventional equation to
calculate the leakage flow of slipper/swash plate pair,
only the Poiseuille flow was considered. As Fig. 10
reveals, the Couette flow caused by the spin motion
and revolution motion of slipper is much smaller than
the Poiseuille flow and squeeze flow. Therefore, in
the conventional calculation of leakage flow of
slipper/swash plate pair, the Couette flow is allowed
to be neglected. However, the result of calculation in
Fig. 10 indicates that the squeeze flow might reach a
magnitude equal to that of the Poiseuille flow. That
means that squeeze flow should be taken into account
when calculating the leakage flow of slipper/swash
plate pair.
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4.3 Variation characteristics of volumetric losses
with displacement of pump

The mean depth of oil film and the inclined angle
of piston or the overturning angle of slipper are the
important factors reflecting the variation characteris-
tics of leakage flow.

As shown in Fig. 12, the overturning angle a5 of
slipper can be calculated by Eq. (43), where Js max and
Osmin Stand for the maximum and minimum values of
the depth of oil film of slipper/swash plate pair,
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Fig. 11 Squeeze velocity of slipper obtained by simulation
at 1500 r/min pump turning speed and full displacement
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Fig. 12 Tilting state of slipper
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Fig. 10 Components analysis of leakage via the gap between slipper and swash plate obtained by simulation at 1500 r/min

pump turning speed and full displacement

¢1s.max T€presents the maximum instantaneous leakage flow via the slipper/swash plate gap
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respectively, which can be determined by the verified
implicit numerical program developed in the previous
study of the authors (Xu et al., 2012).

s,max - 5s,min

(43)

o, =arcsin

As shown in Fig. 13, the inclined angle a, of
piston can be calculated by Eq. (44), where It is the
contact length between the piston and bush, and e;, e,,
e3, and ey are the eccentricity of piston section relative
to cylinder bore at the position of the two end surfaces
of bush, which can be determined by the verified
implicit numerical program developed in the previous
study of the authors (Xu et al., 2013).

\/(el _63)2 + (62 _84)2
I, ‘

a,= arctan (44)

Fig. 13 Tilting state of piston in cylinder bore

Fig. 14 shows the variation of mean depth of oil
film in the slipper/swash plate gap and the mean
overturning angle of the slipper versus the displace-
ment conditions of pump. With the decrease of dis-
placement, the mean depth of the oil film increases,
with a greater variation rate than the decrease rate of
the overturning angle of slipper. According to
Eq. (29), the variation of oil film depth and over-
turning angle finally yields the increase of leakage via
the slipper/swash plate interface with the decreasing
displacement of pump, as shown in Fig. 15, where n,
and p, stand for the rated speed and the rated pressure,
Osd.m»> Glsd.m» ANd 0gq m are the mean value of the oil film
depth, the mean value of the leakage flow of slipper/

swash plate pair, and the mean overturning angle of
slipper at a certain displacement condition, and dsd maxs
Gisd.max, ANd Gsqmax are the maximum mean values of
the oil film depth, the leakage flow of slipper/swash
plate pair, and the overturning angle of slipper, re-
spectively, under all the considered displacement
conditions.
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Fig. 14 Mean oil film depth of slipper/swash plate pair and
overturning angle of slipper versus displacement obtained
by simulation
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Fig. 15 Variation of leakage via slipper/swash plate gap
versus pump displacement obtained by simulation

With the decrease of pump displacement, the
variation of mean oil film depth of piston/cylinder
pair and inclined angle of piston in cylinder bore are
portrayed in Figs. 16 and 17, corresponding to the
different pump speeds, where dyqm and opqm are the
mean value of the oil film depth of piston/cylinder
pair and the mean value of the inclined angle of piston
at a certain displacement condition, and Jdpqmax and
Opdmax are the maximum mean value of the oil film
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depth of piston/cylinder pair and the maximum mean
value of the inclined angle of piston, respectively,
under all the considered displacement conditions. At
different speeds, the mean oil film depth of piston/
cylinder pair presents different variation trends;
however, the inclined angle of the piston in the cyl-
inder bore gradually decreases with the decreasing
displacement.
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Fig. 16 Mean oil film depth of piston/cylinder pair and
inclined angle of piston versus pump displacement ob-
tained by simulation at 0.71n,
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Fig. 17 Mean oil film depth of piston/cylinder pair and
inclined angle of piston versus pump displacement ob-
tained by simulation at 0.024n,

As described in Eq. (6), the leakage flow through
the piston/cylinder interface is proportional to the
cube of oil film depth and the square of the eccen-
tricity of piston, represented by the inclined angle of
piston in the cylinder bore. The variations of oil film
depth and inclined angle of piston portrayed in
Figs. 16 and 17 give rise to the leakage flow through
the piston/cylinder interface shown in Fig. 18, where

Gipd,m 1s the mean value of the leakage flow of piston/
cylinder pair at a certain displacement condition, and
Gipdmax 15 the maximum mean value of the leakage
flow of piston/cylinder pair under all the considered
displacement conditions. At a relatively high speed of
71% of the rated speed, the corresponding leakage
flow via the piston/cylinder interface first decreases
with the decrease of displacement, and then increases
with the further decrease of displacement. However,
at a relatively low speed of 2.4% of rated speed, the
leakage flow increases with decreasing displacement
over the full range of the displacement conditions.
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Fig. 18 Leakage flow of piston/cylinder pair versus pump
displacement obtained by simulation

The typical variations of measured volumetric
losses of pump versus displacement conditions are
illustrated in Fig. 19. The compression flow is found
to be almost proportional to the displacement of pump.
However, Fig. 19 shows that the leakage flow takes
on an increasing trend, with the displacement de-
creasing to a certain low displacement operating point.
The leakage flow generally increases with the de-
crease of displacement, or may decrease with the
decrease of displacement first, and then begin to in-
crease after the minimum with the further decrease of
displacement. The simulation-based variation trends
of leakage flow illustrated in Figs. 15 and 18 are in
accordance with the experimental variation trends of
leakage.

However, it should be noticed that there are also
a few exceptions that can be found at some operating
points, as shown in Fig. 20. The compression flow is
almost proportional to the displacement of pump, but
the leakage flow first decreases with the decrease of
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pump displacement, and after the minimum, the
leakage flow almost remains unchanged with further
decrease of the pump displacement. The pulsation of
leakage flow is mainly caused by the unstable actual
pressure. It can be said that from the large number of
measurement data, the few exceptions just indicate a
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Fig. 19 Volumetric losses versus pump displacement
(a) Under the conditions of 1700 r/min and 20 MPa; (b)
Under the conditions of 1300 r/min and 35 MPa; (c) Under
the conditions of 1000 r/min and 20 MPa
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under the conditions of 2100 r/min and 35 MPa

possible variation trend of leakage flow, but they
cannot represent the general and typical variation
characteristics of leakage flow with respect to dis-
placement conditions, which are shown in Fig. 19.

5 Conclusions

In this study, a series of experiments were car-
ried out to find the variation characteristics of effi-
ciency, leakage, and compression flow of a pump over
a wide operating range, especially for the displace-
ment conditions. The mechanism of leakage via
slipper/swash plate gap was further analyzed in detail
by the proposed novel volumetric losses model, with
a more complete equation to calculate the leakage via
the slipper/swash plate gap. Compared with the pre-
vious models, the beauty of the novel model is that it
allows explicit insight into the components of leakage
flow. For the leakage of the slipper/swash plate pair,
the squeeze leakage caused by the squeeze micro-
motion of the slipper is found to reach a magnitude
equal to that of the Poiseuille flow caused by the
differential pressure effect.

The overall efficiency of the pump is found to
drop considerably with the decrease of displacement.
With the speed decreasing from rated speed to 48%
of the rated speed, the low-efficiency area of pump
significantly increases. At the rated speed, the vol-
umetric losses take a proportion ranging from 13% to
47% of the total power losses of pump, under the
conditions of pressure ranging from 5 to 35 MPa and
pump displacement ranging from 13% to 100% of
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full displacement. The highest proportion of com-
pression flow losses in the total volumetric losses of
pump at the rated speed can reach up to 41% when
the pressure is greater than 30 MPa and the pump
displacement is greater than 88% of full displace-
ment. After that, generally the proportion gradually
decreases with the decrease of displacement or
pressure. When the pressure decreases to less than
5 MPa or the displacement decreases to less than
38% of full displacement, the proportion decreases to
less than 20%.

The compression flow decreases with the de-
crease of displacement. However, the leakage flow
generally increases with the decrease of displacement,
or may decrease with the decreasing displacement
first, and then begin to increase after the minimum
with the further decrease of displacement.
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Appendix A: Derivation of Eq. (8)

The following are the detail of the derivation
procedure of Eq. (8) in the main text. Referring to a
cylindrical coordinate system, in which the lubri-
cating interface is defined in the (r, 0) plane, such
that z is the direction of the film thickness. The ve-
locity in the direction of #-axis vy is determined by
the following equation (A1), where w is the angular
velocity, z is the thickness, J; is the thickness of oil
film.

_ z
U, =ro—.

S

(AT)

The lubrication theory allows the following as-
sumptions to be made regarding fluid behavior in the
thin film regime between slipper and swash plate:

1. Fluid inertial forces are small when compared
with the viscous forces and can be negligible;

2. Steady state is assumed;

3. Body forces of the fluid are negligible;

4. Pressure is uniform along the film thickness
z-axis direction. Similarly, fluid viscosity and density
are assumed constant across the fluid film;

5. The fluid flows along the r-axis direction.

Based on these assumptions, the Navier—Stokes
equation strongly reduces to

a 2
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where vis the kinematic viscosity of fluid film.
The fluid continuity equation reduces to
G AY (A3)
or r

Integrating Eq. (A3) over the radius r yields

1ov, v, 0v
—L L4+ —L=0. A4
ror rt o or B4
Substituting Eq. (A4) into Eq. (A2) yields
2 2. 2
la_p:80,+pa)rz _ Py, 0u, (AS)

uor oz uo; u or’

where dynamic viscosity u=pv. For the lubricating
interface between slipper and swash plate, the fol-
lowing Eq. (A6) is true:

. < 6_p (A6)
or or
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Therefore, Eq. (AS5) reduces to the following
Eq. (A7), i.e., Eq. (8) in the main text:

1op 0, . pPOrz’

. A7
R (A7)
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