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Abstract

224 W at 0.79 for air, respectively.

In this paper, the design and analysis of 500 W thermoacoustic refrigerators for the temperature difference of 28 K
using helium and air are discussed. Helium is the best working gas, but air is chosen to study the possibility of replac-
ing helium for the future cost-effective refrigerator since it is much cheaper than helium. Heat and work flow equa-
tions of thermoacoustic refrigerators are discussed. The refrigerator models are optimized by normalizing the design
parameters using Rott’s linear thermoacoustic theory. The effect of gas spacing expressed in terms of the thermal
penetration depth in stack-heat exchanger unit at 85% porosity is discussed. The effect of the resonance frequency
of air on the stack-heat exchanger sheets spacing and thickness and on the theoretical performance is discussed. The
effect of the resonance frequency of air on the theoretical performance at 200 Hz, 300 Hz, and 400 Hz is discussed.
The cooler shows better COP of 1.72 at 300 Hz for air and 1.53 at 400 Hz for helium. The theoretical results are com-
pared with the DeltakC software results. The DeltakEC predicts cooling power and COP of 347 W at 1.02 for helium and

Keywords Spiral stack, Gas spacing, Resonance frequency, TDH resonator, DeltatC

1 Introduction

Thermoacoustic refrigeration uses thermoacoustic effect,
which is the conversion of heat energy to sound energy
and vice versa. The standing wave stack-based thermoa-
coustic refrigerators use the commercially available loud-
speaker to produce sound energy to create refrigeration
effect, known as LDTAR systems. The acoustic work
pumps heat from cold space via cold heat exchanger to
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ambient heat exchanger. The challenge with the LDTAR
system is the poor electro-acoustic efficiency of loud-
speaker, which is about 3%. To improve the electro-
acoustic efficiency, the loudspeaker is modified with the
back volume gas spring (BVGS) system. The modified
commercial loudspeaker is known as an acoustic driver,
which will have an efficiency of about 50% as found in
the literature [1-3]. Thermoacoustic refrigeration is an
eco-friendly emerging technology for cooling applica-
tions. Because of its inherent advantages and simplicity
in its construction, it is considered as the best alternative
to the current vapor compression refrigeration systems.
In the last three decades, research on thermoacoustic
refrigeration has gained the attention of the researchers
to optimize the design and development of thermoacous-
tic refrigerators ranging from Hofler’s 3 W to less than
500 W, as found elsewhere [3—6]. The schematic of the
thermoacoustic refrigerator with the BVGS system is
shown in Fig. 1. The acoustic driver generates a standing
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Fig. 1 The schematic of the thermoacoustic refrigerator

sound wave in the pressurized gas (helium or air or any
other inert gas usually at 10 bar) contained in a closed
resonator tube. The oscillating gas causes temperature
differences across the stack. The cold and ambient heat
exchangers (CHX and AHX) are placed at either side of
the stack. The gas surrounding the CHX (maximum rar-
efaction region) absorbs heat and is pumped to the AHX
(maximum compression region) through the micro pores
of the stack.

The whole resonator tube and the BVGS system are
assumed to be covered with the multi-layer superinsu-
lation to avoid heat dissipation losses. Thermoacous-
tic heat pumping mechanism with Pv and Ts diagrams
similar to the Brayton cycle, except for heat addition at
the end of compression, and heat rejection at the end
of the expansion process are shown in Fig. 2. The AHX
maintained at room temperature by circulating cool-
ing water through copper tubing system, which rejects
heat to the atmosphere. The gas has adiabatic com-
presses (1-2) and the hot gas rejects heat to the sur-
rounding AHX sheets at constant pressure (2—3). The
gas expands adiabatically during the reverse stroke of

Cooling
chamber

the loudspeaker (3—4), and the cold gas surrounding
the CHX sheets absorbs heat which is connected to the
cooling chamber at constant pressure (4—1).

1.1 Heat and work flow equations in a thermoacoustic
refrigerator

As shown in Fig. 1, the acoustic power input (W,) to the
resonator is dissipated into the following components:
the resonator left to AHX (W,,,), the AHX (W,,), the
stack (W), the CHX (W), and the resonator right to
CHX (W,.,). The acoustic power dissipated in the stack
pumps heat, whereas the acoustic power dissipated
in the heat exchangers and in the resonator portion
manifests as thermoacoustic losses and acts as addi-
tional heat loads on the AHX and CHX. For the adi-
abatic oscillating gas parcel, let W,,, = Q00 Wax = Qup
W,=Qy W= Q. and W, = Q,, be the heat loads on
the AHX and CHX [7]. The heat extracted by the stack
Q. is the sum of heat absorbed from cooling space Q
via CHX and the additional heat loads of Q_, and Q,.,,
which is given by:

Fig. 2 The Pvand Ts diagrams of the thermoacoustic refrigerator
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Qes = Q+ Qex + Qrex (1)

The heat pumped by the stack Q, is the sum of the
heat extracted by the stack Q,,, and heat load of the stack
Q, is given by:

st = Qes + Qs = (Q + Qcx + Qrex) + Qs 2)

The heat rejected by the AHX, Q, is the sum of the Q
and Q,, and Q,,, is given by:
Qr = Qps + Qax + Qrax 3)
Using Eq. (2) in (3),
Qr = (Q+ Qux + Qrex + Qs) + Qax + Qrax (4)

The COP of the refrigerator is given by:

9_(Lerr

COP = ——
E Qes VVS Wa We

) = (e.COP, 1, 1,,)  (5)

where ¢=Q/Q,, is the effectiveness of the CHX,
COP,=Q,,/ W, is the COP of the stack, ,, =W /W, is the
acoustic power efficiency of the stack, and 5., =W, /W, is
the electro-acoustic efficiency of the driver. The total heat
rejected by the AHX with BVGS system Qy, is the sum of
Q, and Q, (heat lost by loudspeaker), is given by:

QR = Qr + Ql (6)

In this paper, an attempt is made to design and opti-
mize 500 W thermoacoustic refrigerators using helium
and air as working substances at 10 bar pressure for a
temperature difference of 28 K. The dimensional normal-
ization of parameters is applied using the linear thermoa-
coustic theory for a temperature difference of 28 K at 3%
drive ratio (ratio of acoustic pressure amplitude to aver-
age gas pressure). The objectives of the current research
work are to study the effect of helium and air gas spac-
ing expressed in terms of the thermal penetration depth
in stack-heat exchanger unit at 85% porosity and to study
the effect of increasing the resonance frequency of air
from 200 to 400 Hz in the step of 100 Hz on the stack-
heat exchanger sheets spacing and thickness and on the
theoretical performance of coolers compared to the pub-
lished literature [3]. The other objectives are to compare
the performance of the cooler with helium and air as
working gases and to verify the capability of air replac-
ing helium as working gas expressed in terms of COP,
cooling power, and power density. The velocity of air is
much smaller than helium, leading to a decrease in cool-
ing power, and in addition, it also decreases the length
and volume of the refrigerator. The decrease in the vol-
ume of the refrigerator increases power density, which
is an advantage as found in the published literature [3].
The cost of the compressed dry air cylinder to meet the
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required operating pressure of 12 bar is much cheaper
than helium. Hence, checking the possibility of using dry
air as a replacement for helium to reduce the cost of the
future practical refrigerator is justified.

2 Design and optimization of stack-heat
exchanger system

As shown in Fig. 1, the geometry of the stack, AHX,
and CHX is the same, but the length and material used
for construction vary. The diameter, porosity, half-stack
sheet spacing and thickness, half-AHX and CHX sheet
spacing, and thickness are the same. The design and opti-
mization guidelines are the same for both the stack and
heat exchangers (AHX and CHX).

The AHX and CHX are placed on either side of
the stack leaving a small gap of about less than 5 mm
between the stack and the heat exchangers to avoid heat
conduction which decreases the performance of the
refrigerator. The stack is enclosed in the stack holder. The
stack holder must have rigidity and low thermal conduc-
tivity. The stack holder must withstand 10 bar dynamic
pressure, and it should be rigidly connected to the AHX
and CHX using flanges on either side of the stack using
rubber O-rings to avoid gas leakage and thermal contact.
The POM-Ertacetal (H) 2 mm thickness material meets
the above requirements since it offers higher mechanical
strength, hardness, stiffness, creep resistance, wear resist-
ance and lower thermal expansion rate, and thermal con-
ductivity of 0.31 Wm™! K™! and density of 1410 kgm >,
The material for the stack must be chosen such that it
should have low thermal conductivity and rigidity to sus-
tain the oscillation of the 10-bar pressurized gas. The low
thermal conductivity material avoids the conduction of
heat in the reverse direction from AHX to CHX if there
is a direct contact between the stack and heat exchang-
ers. Hence, the commercial, locally available, and cheaper
Mylar stack material is the best choice with the thermal
conductivity, k,=0.16 Wm™' K™!, density, p,=1349.6
kgm ™ and specific heat, Cps=1065.6 Jkg~! K~1. The cop-
per material is chosen for the thin sheets of AHX and
CHX and the holder of the heat exchanger, which is rigid
and has better thermal conductivity. The properties of
the copper material are as follows: thermal conductiv-
ity k=398.68 Wm™! K™'; density, p=9000 kgm3; and
specific heat, Cp=420 ]l(g’1 K~L. The stack can have the
geometries of circular pores stack, circular stack, pin
array stack, parallel plates stack, and spiral pores stack
as shown in Fig. 3. In the literature, it is found that the
pin array and parallel plates stack structures are efficient
over other geometries [5, 8, 9]. The pin array stack struc-
ture is the most efficient stack compared to the parallel
plates stack since it experiences the least frictional losses
between the oscillating gas and the stack sheets, which
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Fig. 3 The various geometries of the thermoacoustic refrigerator stack

avoids gas turbulence. The construction of the micropore
stack structures of the circular pores stack, circular stack,
pin array stack, and parallel plates stack is very difficult,
less precise, and laborious to fabricate manually or with
the known fabrication methods used elsewhere [5, 6].
The construction of these micropores stack structures
can be easily made with the required accuracy and pre-
cision using the latest 3D printing technology. The 3D
printing of the spiral stack is not expensive and can be
quickly fabricated, cheap, and consistent with the design.
Consequently, the 3D-printed stack is more reliable and
provides repeatable outcomes.

The Mylar thin sheet is attached to the 6-mm PVC rod
and spirally wound over it using the nylon spacer lines
which separate the stack sheets with a spacing distance
equal to 2y (Fig. 3).

In the current research work, we choose to design a
500-W refrigerator for the temperature difference of 28 K
with helium and air. The thermophysical properties of
the oscillating gas depend on the operating parameters
chosen in the design of the cooler (Table 1). The choice
of operating parameters listed in Table 1 depends on
the theoretical and practical limitations discussed else-
where [5, 6, 10, 11]. The porosity € of the stack and heat

Table 1 Design parameters and thermophysical properties of gas

Connecting
sheet

Parallel plates stack
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Mylar sheet

Spiral stack sheet spacing, 2y

Spiral stack sheet thickness, 2/

exchanger system is the portion of the cross-sectional
area along the length of the stack-heat exchanger system
open for the gas to oscillate given by:

e=—"_ =085

Y+l @)

where y and [/ are the half-stack/HX sheet spacing and
thickness of the spiral stack, respectively. The portion
blocked for the gas oscillation in the stack-heat exchanger
system is the blockage ratio, B is given by:

l

—— =1—-—¢=0.15

B=y+l (8)

From the literature [12, 13], it was stated to use the
half-stack/HX spacing y of §; to 26 in order not to alter
the acoustic field. Using Eq. (7), with 85% porosity, the
variation of stack sheet spacing and thickness versus
thermal penetration depth with helium and air is given
in Table 2. The derived parameters and the values used in
the design process are given in Table 3.

The design parameters are made dimensionless called
normalized parameters help the designer in simplify-
ing the design process by minimizing the number of

Design parameters

Thermophysical properties

Helium Air
Design requirements: U=9986 ms™ Independent of frequency:
Q=500W,6=28K 0=167kgm™ u=3402ms"", p=1210kgm™>

Operating parameters:

C,=51934Jkg™'K!
P=10bar, P,=0.3 bar

C,=3109.8 Jkg=' K~!

Tog=288K U=194E—5kgm~' s~
T,=301K k,=148E—2Wm~' K™
f=200-400 Hz 6,=96 um

6, =117 pm

C,=10047 Jkg~'K™!,C,=7176 Jkg~' K"
u=179%—5kgm~" 57" k,=253E—2Wm~ K™
Dependent of frequency:

f@200 Hz: 5, =49 pm, §,=58 um

f@300 Hz: 5,=40 ym, §, =47 um

f@400 Hz: §,=34 pm, §,=41 um
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Table 2 Stack-heat exchanger sheet spacing and thickness as a function of thermal penetration depth
2y Helium Air

f=400 Hz f=200 Hz f=300 Hz f=400 Hz

2y (pm) 2/ (pm) 2y (um) 2/ (pm) 2y (um) 2/ (pm) 2y (um) 2/ (um)
26, 233 41 115 20 94 17 81 14
36, 350 62 173 30 141 25 122 22
45, 466 82 230 41 188 33 163 29

Table 3 Derived parameters used in the design process

Derived parameters  Helium, f=400Hz Air, f(Hz)

200 300 400

w=2nf(rads™") 25133 12566 1885 25133
c=w/u(m™ 2.52 3.69 554 739
A=u/f (m) 2.50 1.70 113 085

design parameters involved in optimizing the cooler.
The normalized design parameters of thermoacoustic
refrigerator are given in Table 4. Using the data given in
Table 1, the dimensionless parameters are determined
as follows: D is 0.03 for both helium and air, y is 1.67 for
helium and 1.4 for air, o is 0.68 for helium and 0.71 for
air, and 6, is 0.0972 for both helium and air.

The critical temperature gradient between AHX and
CHX is the temperature difference at which the stack
does not pump heat, given by:

(y — I)S.ng.lgn

0, =
tan(Xy)

)

The normalized critical temperature gradient, [ is the
ratio of the temperature gradient across the stack 6 to
the critical temperature gradient,0,, given by:

0 O, .tanX,
=_——=—"—""— (10)
Oc (y — Dedsy
In the literature, it is found that the I' should be less
than one for the stack to pump heat and behave as a
refrigerator for both helium and air.
In this paper, we have derived the normalized cool-
ing power and acoustic power equations (Q,, and W)
by considering the stack heat capacity ratio, and the

Table 4 Normalized design parameters of a thermoacoustic
refrigerator

D=P,/P,y=C,/C, 0=uC/k,=(6/5,
6, =0/T g [=6/6, Iy =cl, s, =cl,
L= Clu Xy =X, 8n = 6/Y, 8y =06y
Q,=0/(PuA,), W, =W/(PuA,)

effect of thermal conductivity of both gas and stack. This
decreases the performance of the stack by reverse con-
duction of heat from AHX to CHX as compared to the
published results [1, 4]. Using the dimensionless and
normalized parameters given in Table 4, the normalized
cooling power and acoustic power equations from the
Rott’s thermoacoustic theory [14, 15] are given by:

—81y- D sin(2X,,) 1++/o+o L
e il L eyl CRACRACIS] B
(11)
W - —~81-l3n-D*| (¥ = De.cos?(X,) r e Vosin*(X,)
ns = 4y (1+¢) (1 + \/E)A e\
(12)

The terms ¢, A, and A! in Egs. (11) and (12) are the
normalized stack heat capacity correction factor and the
gas and stack heat conduction correction factors, respec-
tively, given by:

Cpg.k
g = | Pereie (13)
Pscpsks
A=1-38,,+058 (14)
The.C
1 T8 (ekg + (1 — e)ky) (15)

- P.I/t.lgn

Using the normalized equations from Egs. (11, 12, 13,
14 and 15), the COP of the spiral stack is given by the
ratio of the normalized cooling power output to the nor-
malized acoustic power input given by:

Qns

ns

COP; =

(16)

Using the data given in Tables 1, 2, 3, and 4 in Eqgs. (11)
and (12) for the NSLCC values of /;, and X, from 0.1 to
0.5 in the steps of 0.1, the Q,, and W, for the stack are
determined for the three spiral stack sheets spacing, 2y
equal to 26,, 39,, and 49, (Table 2) for helium and air
working gases. Using Eq. (16), the COP, of the spiral
stack is determined, and using the normalized cooling
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power equation given in Table 4 Q,=Q/(PuA,;), the
cross-sectional area, A;, and diameter of the stack, d;, are
determined with helium and air gases for the required
cooling power, Q of 500 W refrigerator. The best NSLCC
for helium and air as a function of half-spiral stack sheets
spacing (y=4), 1.56;, and 24,) is chosen at the highest
performance of the stack with the lowest value of stack
diameter d,;. The highest performance of the stack with
the lowest stack diameter improves the performance and
power density of the cooler as found elsewhere [16—19].
At this criterion, the spiral stack is optimized by choos-
ing the best NSLCC for helium and air for the half-stack
sheets spacing of y=4, 1.5, and 24, and the results are
given in Table 5. Referring to Table 5, the performance
and diameter of the stack increase with an increase in
half-stack sheets spacing y. For helium, the half-stack
sheet spacing of y =29, is the best since it has the COP,
of 3.49 with the stack diameter d;=26 cm (Table 5)
which improves both performance and power density
of the cooler. But for air, the half-stack sheet spacing of
y =26, results with the COP, of 5.71 at the stack diameter
d;=45.4 cm. This is because of the smaller wavelength of
air (1.7 m) compared to helium (2.5 m) (Table 3), which
improves the power density of the cooler.

Hence, for air working gas, the half-stack sheet spac-
ing of y=24, is also best considering both performance
and power density. The acoustic power input to the stack
W, for heat pumping is calculated using the normalized
equation W, = W,/(PuA,) given in Table 5.

With reference to Fig. 1, the diameter of the AHX and
CHX is the same as that of the stack diameter d;. The
spiral geometry of the CHX and AHX is shown in Fig. 4
which is the same as that of the spiral stack (Fig. 3), but
the length and material used for construction differ as
discussed above. The thin copper sheet was first glued to
the 6-mm diameter copper rod and spirally wound over
the rod using copper spacer lines. Upon acoustic power
input by the driver into the resonator, the length of the
acoustic displacement amplitude of the oscillating gas at
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N Copper sheet
Copper rod

Copper spacing line, 2y

Copper sheet thickness, 2/
Fig. 4 The spiral geometry of the CHX and AHX

the cold end of the stack during forward and backward
movement of gas 2x; is given by:

_ 2P, .sin(c.x)
T epuw

2x1 (17)

In Eq. (17), x is the position of the CHX at the cold end
of the stack away from the driver. The length of the CHX
(£4) equal to the length of the oscillating gas (2x,) is deter-
mined using the values given in Tables 1 and 3 in Eq. (17).
As discussed in Section 1 of Eq. (6), the AHX rejects all
the heat input to the resonator system and the heat lost
by the driver with BVGS system (Fig. 1). It is found that
the AHX rejects twice the heat supplied by the CHX [5, 6,
20]. Hence, the length of the AHX /, is equal to 2/,. Based
on the above discussion the theoretical lengths of CHX
and AHX are found to be 6 mm and 12 mm, respectively,
for helium and 3 mm and 6 mm, respectively, for air.
By considering the practical difficulties encountered in
accommodating the temperature sensors over these small
lengths of CHX and AHX during construction [6, 21,

Table 5 The specifications and performance parameters of the spiral stack-heat exchanger system as a function of working gas and

frequency optimized aty =26,

Workinggas f(Hz) NSLCC X(mm) [;(mm) L (mm) [ (mm) [, (mm) T COPs;  d,(mm) W (W) W, (W) W, (W)
Helium 400 l3: 0.1 119 79 20 40 10 053 349 260 143 61 110
X,:0.3
Air 200 L0154 21 20 27 10 058 571 454 88 69 116
X,:0.2
300 02 54 16 20 36 10 044 360 314 139 63 85
X103
400 03 54 14 20 40 10 040 241 267 208 78 85

X,:04
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22], the actual lengths of CHX and AHX for both helium
and air are taken to be 10 mm and 20 mm, respectively.
Using the normalized equations given in Table 4 the
stack center position X, the spacing between driver and
AHX [, and stack length /; are determined (Table 5) using
wave number ¢ given in Table 3. The normalized acoustic
power dissipation in the CHX and AHX (W,,., and W,.,)
is obtained using Eq. (12) by setting the temperature gra-
dient term I'=0 and using the normalized lengths (/,,
and /,,) and center positions (X,, and X,,) of the cold and
ambient heat exchangers. The acoustic power dissipated
in the CHX and AHX is calculated using the equations
W= W, (Pud;) and W, =W, (PuA,), respectively,

ncx

with helium and air (Table 5).

3 Resonator design and optimization

Resonator is a solid tube which connects the loud-
speaker and stack-heat exchanger unit and stack-heat
exchanger unit with a taper section and buffer volume.
The stainless-steel thin sheet of 0.5 mm is the best choice
for 10 bar pressure for avoiding threading and gas leak-
age problems encountered with Delrin material during
experimentation is found elsewhere [6]. The properties of
the stainless thin sheets are as follows: thermal conduc-
tivity k=14.15 Wm™! K, density p="7922.5 kgm > and
specific heat C,=448.28 Jkg~! K~'. The resonator length
must be small as possible to minimize the heat dissipa-
tion losses which improves performance and power
density [23, 24]. Hence, the total length of resonator L,
should be less than or equal to the quarter-wavelength
resonator given by:
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)L
L=<
n

(18)

where A is the wavelength of working gas and n=1, 2,
3, 4 which decides the length of resonator. The acoustic
power dissipation per unit surface area of the resonator
left to AHX (/) and right to CHX (L, to r;,) as shown in
Fig. 5 is w, is given by:

iy = Do

wy = 0.2505,.u3.8y.0 + 0.25 S
P

(19)

The amplitude of pressure and velocity inside the reso-
nator tube at a distance x measured from the loudspeaker
position at the mean center position of /;, L,, Ls, and 7}, is
given by:

p1 = Pycos(c.x) (20)
and
P,sin(c.x
uy = ) (1)
epu

The total acoustic power dissipation W, in these four
resonator components as heat loads on AHX (W,,,) and
CHX (W,.,) is determined by multiplying Eq. (19) with
their individual internal surface area given by:

Wi = Wrax + Wrex (22)

The power density of the resonator is the ratio of the
required cooling capacity of the cooler Q to the total
volume of the resonator V, given by:

Back volume AHX length, , CHX length, /,
Spiral stack
Loudspeaker length, /4 Hemisphere
Taper Divergent section
d, =
I ——

} (Buffer volume) :
I S— | |
I l
" |
I I : ! I
e ]b g ]1 \JI 1 : : :
| Stack center, X N | | :
. A | I !
| L, L,=20mm ! L, | !
! L2 I | \

I ) !
| L t ! :
P ! Ty
-

o

Fig. 5 The geometry of the stack-heat exchanger’s system, driver, and TDH resonator system
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Q

P, = —
T

(23)

The whole length of the resonator outer surface and
stack holder must be well insulated with the multi-
layered super insulation to avoid heat leak losses with
the surrounding environment at steady state condition.
Hence, the total acoustic power dissipation in AHX,
stack, CHX, and resonator, W, is given by:

Wi = Wax + Ws + W + Wi (24-)

At steady state conditions, the total heat rejection

rate Q, on AHX is given by:
Q=W+Q (25)

The theoretical performance parameters of the cooler
are given by:

Q
coP = =
W, (26)
T,
COPC = % (27)
CcoP
COPR =
COPC 28)

In this section, the attempts are made to optimize the
length, internal surface area, and volume of the TDH
resonator right to CHX (Fig. 5) with helium and air
working gases discussed. The TDH resonator is cho-
sen since it has a compact size, better performance,
and power density compared to the TSDH designs dis-
cussed elsewhere [25-27]. Referring to Fig. 5, the length
of the taper section L, is chosen to be 20 mm, and the
radius of the hemisphere ry, is chosen to be equal to
the radius of large diameter tube d,. These lengths are
chosen based on the compact size and shape provid-
ing space for accommodating instrumentation between
taper and divergent sections of the resonator. The
diameter ratio d,=d,/d; at the throat section is chosen
based on the minimum resonator losses and better per-
formance by avoiding gas turbulence in the taper and
divergent sections of the resonator [4, 5, 23, 24]. The
length of the large resonator tube L, for helium and air
is the sum of the lengths of /; to /, (Table 5) given in
Table 6. The parameters which decide the performance
(COP and COPR), power density P, and total length
of the resonator L, are the diameter ratio d, and the
length of the divergent section L,. In this section, the
d, and L, are optimized such that the diverging angle
0, in the buffer volume should be small as possible to
avoid gas turbulence in the resonator [3, 5, 8]. The small
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diverging angle results in minimum acoustic power
dissipation in the resonator right to taper (W,.,) lead-
ing to improved performance and power density of the
cooler. Based on the above criteria, the diameter ratio
d, at the throat section is 16% for both helium (400 Hz)
and air (200 Hz). The diameter ratio d, increases with
an increase in the frequency of air (20% at 300 Hz and
25% at 400 Hz) (Table 6). The increase in the frequency
of air decreases the wavelength A (Table 3) which in
turn decreases the length of the divergent section Lg
(Table 6). The decrease in length of the divergent sec-
tion decreases the total length of the resonator L, which
increase the diverging angle 6,. The decrease in total
length of the resonator L, for air improves power den-
sity P, and decreases resonator dissipation W,. This in
turn increases the total acoustic dissipation W, in the
resonator because of the increase in acoustic power
dissipation in the stack W, (Table 5) due to the acous-
tic resistance of the low velocity of the oscillating air
(Table 1). The increase in acoustic resistance in the
stack increases the heat rejection rate Q, at the AHX,
leading to a decrease in COP and COPR of air (Table 6).
The geometrical and theoretical results (VLT, VRT, V,,
Vi, COP, and COPR) as a function of working gas and
resonance frequency are given in Table 6.

4 DeltaEC results

DeltaEC (Design environment for low-amplitude thermo-
acoustic Energy Conversion) [28] is a computer program
which integrates one-dimensional wave equation, heat flow
equation, and acoustic power flow equation of the oscillat-
ing fluid in the resonator for the complex geometry of the
cooler. Using DeltakEC, the designer can test the perfor-
mance of the theoretically optimized cooler for validation.
The advantage of DeltaEC is that the designer can predict
the performance of any required geometrical model of the
thermoacoustic system (engine or cooler) by iteratively
adjusting the guesses and geometrical dimensions of the
components for convergence. DeltaEC uses thermoacous-
tic segments for the loudspeaker, ducts, HHX, CHX, stack,
cones, compliances, and reverse polish notation (RPN) seg-
ments for calculating the unknown parameters. The targets
are set for the required thermoacoustic components of
the model. The use of thermoacoustic segments and RPN
segments with guesses and targets for the thermoacoustic
engine and cooler is found elsewhere [3, 18, 28]. DeltaEC is
specially designed for predicting the performance of low-
amplitude thermoacoustic engine or cooler where the drive
ratio of the oscillating fluid D is less than or equal to 3%
[25]. The accuracy of the DeltaEC results decreases with an
increase in drive ratio because of an increase in the turbu-
lence of the oscillating fluid in the resonator tube [18]. In
the current research work, the oscillating fluid is helium
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and air operating with 10 bar pressure and a drive ratio The volume of the BVGS system V} and its length [
of 3%. By default, DeltaEC assumes isothermal conditions  with helium and air as a function of resonance frequency
for all the thermoacoustic segments except the stack-heat  are calculated using Eq. (30) and given in Table 8. In
exchanger unit with no heat leak losses between the reso-  DeltaEC the AHX and CHX temperatures are targeted
nator outer surface and the surrounding environment. to 301 K and 273 K, respectively. This results with the
With reference to Fig. 5, the commercial loudspeaker = mean temperature of the AHX and CHX T, , at 287 K.
attached to the resonator duct left to AHX has a length  In Table 1, the mean temperature of the oscillating gas
of /;. The commercially moving coil loudspeakers avail- T, is 288 K (1 Kelvin higher than T,,) as per the pub-
able in the market have poor electro-acoustic efficiency of  lished literature [3, 5]. The DeltaEC predicts the average
about 3% [1, 2]. The loudspeakers dedicated for thermoa-  gas temperature of the oscillating gas 7, the mean tem-
coustic coolers can have an efficiency of 50-90% possible  perature of gas across heat exchanger T|,,,, and the mean
[21, 29]. This can be made possible by modifying the com-  temperature of heat exchanger T, , (Table 8). It is found
mercial loudspeaker with the back volume filled with the  that the 7|, is about 0.4 to 2.6 Kelvin higher than the T},
same oscillating gas in the resonator tube at 10 bar pressure ~ with helium and air. The electroacoustic efficiency of the
(Fig. 5). The back volume acts as a gas spring to match the  driver is higher for helium compared to air because of its
driver frequency with the resonator frequency to improve  higher velocity of gas oscillation (Table 1) and increases
the efficiency of driver [5, 30]. In the current research work,  with the increase in resonance frequency fof air. The Del-
the common electromechanical parameters of the four taEC predicts the electrical power input to the speaker
commercial loudspeakers chosen based on the stack diam-  E, the cooling power of refrigerator at CHX Q, and the
eter d, (Table 5) are given in Table 7. The electrical resist-  total heat rejected Qp by the AHX with BVGS system
ance R, inductance L, force factor B/, moving mass m, and  (Table 8). The Qy is defined as:
mechanical resistance R, are assumed to be the same for

these four types of drivers. The gas spring stiffness s which Qe=E+Q (31)
depends on driver frequency f; is determined (Table 8) by: The electrical power input to speaker E in DeltaEC cal-
culation is given by:
s =4 (fy)*m (29) & Y
E=Q+ W, (32)

Referring to Fig. 5, the back volume for the oscillating ‘ )
gas (helium and air) at the four cross-sectional areas of where Q is the heat lost by loudspeaker during energy

back volumes A, of loudspeakers equal to their cross-sec- ~ conversion, and W, is the acoustic power output of

tional area of the vibrating diaphragm A, is given by: speaker is given by:
VPAZ Wa = Qrax + Qax + Qs + Qex + Qpex (33)
Vp="—2 (30)
b s Using RPN segments in DeltaEC, the COP and
COPR of the cooler are determined using the Eqgs. (26,
27 and 28).

The effect of cooling power on the operating and per-

formance parameters of the cooler using helium and air

Table 7 The common electromechanical parameters of the with the BVGS system ls‘glv‘en in Table 9"It is found
drivers chosen in DeltaEC for helium and air that the cooling power Q is directly proportional to the
R.=12 Q. L.=0.0039 H, B/ =75 T-m frequency f, mean temperature of gas 7, mean tempera-
> e ) ’ ture of gas across heat exchanger T, mean tempera-

ture of heat exchanger T, electroacoustic efficiency

m=75g Rn=9 Nsm of driver 7., and the total heat rejected by the AHX

Table 8 DeltakC simulation results of the optimized TDH resonator designs as a function of working gas and resonance frequency

Gas fHz) Ag(em?) s(kN/m) Vy(em®) f(mm) TK Tg( T, (K n,(%) EW) QW) QW) COP COPR

Helium 400 5302 474 9908 187 302 2874 287 49.6 688 347 1035 1016  0.104
Air 200 1616.6 118 308,914 1911 306 289.6 287 7.0 4015 202 4217 0715 0.073
300 7745 266 31,513 407 304 2883 287 255 1105 224 1329 0.794  0.082

400 559.7 474 9257 165 303 288.0 287 46.5 728 179 907 0529 0.054
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Table 9 Variation of performance parameters as a function of cooling power for the optimized TDH resonator operating with helium

and air
Gas QW) f(Hz TK Tmg(K)  To (K N, (%) W.(W)  Qg(W) 6(K) T,(C)  COP COPR
Helium 100 392 301.8 2819 281.5 457 653 753 39 —11.1 0335 0.050
200 395 3019 284.1 283.7 473 667 867 35 —6.5 0.633 0.082
300 398 302.1 286.4 286.0 489 682 982 30 —2.1 0.900 0.099
400 401 302.2 288.6 2882 503 696 1096 26 24 1.141 0.106
500 404 3023 290.8 2904 518 710 1210 21 6.7 1.360 0.103
Air 100 294 3034 281.8 280.6 232 1078 1178 41 —127 0.399 0.062
200 299 303.6 287.0 285.8 251 1100 1300 30 —24 0.725 0.082
300 304 303.9 292.1 290.8 269 1121 1421 20 7.6 0.996 0.073
400 309 304.1 297.0 295.6 286 1141 1541 1 173 1.227 0.045
500 314 304.3 301.8 300.3 30.2 1162 1662 1 26.7 1426 0.006
Air @ 300 Hz Air @ 300 Hz
e 310
305
N
c 10 & 2%
=< 5 o 290
& o5 = 285
10 280
15 275

00 20 40 60 80 100 120 140 160 180 200
x(milli-m)

Fig. 6 Dynamic pressure amplitude of air along the length of the
resonator

Qg. But the temperature difference across the stack 6
decreases with an increase in cooling power Q. At the
constant AHX temperature of 301 K, the refrigeration
effect in the cooling chamber (Fig. 1) decreases as the
CHX temperature increase with the increase in cooling
power (Table 9). The COP is inversely proportional to
the temperature difference across the stack 6, but the
COPR is decrease at 500 W for helium and 300 W for
air. This is because of the increase in the CHX tempera-
ture due to the increase in acoustic turbulence of the
oscillating helium and air in the resonator right to CHX
(Fig. 5).

The variation of the dynamic pressure amplitude P,
and solid material temperature T, of the cooler along
the length of the resonator with air oscillating at 300 Hz
frequency is given in Figs. 6 and 7. DeltaEC confirms
a 3% drive ratio near the driver and decreases gradu-
ally in the stack-heat exchanger unit and then decreases
drastically in the resonator right to taper (Fig. 6). The
internal solid surface temperature 7T, remains constant
in the resonator section left to AHX and a small drop
in temperature is observed in the AHX and decreases
drastically in the stack unit. Furthermore, the temper-
ature of the resonator surface right to CHX remains
constant (Fig. 7).

Ao 20 40 60 80 100 10 40 160 10 200
x(milli-m)

Fig. 7 Variation of the solid temperature along the length of the
duct, stack-heat exchanger unit, and resonator system

5 Discussion
In this section, the design and optimization results of
studying the effect of resonance frequency and gas spac-
ing in stack-heat exchanger unit on thermoacoustic
refrigerators using helium and air working gases are dis-
cussed. The cooler design is optimized for a temperature
difference of 28 K and cooling power of 500 W operat-
ing at 10 bar pressure with a driving ratio of 3%. Refer-
ring to Tables 3 and 5, the wavelength A is much larger
than the stack length /5, so that the acoustic field is not
significantly disturbed by the presence of the stack in the
resonator. The thermal and viscous penetration depths
are smaller than the spacing in the stack 2y (Tables 1 and
2), which simplifies Rott’s functions [14, 15]. The tem-
perature difference =28 K is smaller than the mean
temperature of gas 7,,,=288 K (Table 1), and hence, the
thermophysical properties of oscillating gas remain con-
stant within the stack length. Referring to Table 5, the
normalized critical temperature gradient is I'<1 for all
the cases, which confirms that the thermoacoustic sys-
tem behaves as a refrigerator [5, 15].

Referring to Egs. (11, 12, 13, 14, 15 and 16), the nor-
malized cooling power equation (Q,) and normalized
acoustic power equation (W) are derived by consider-

ing the stack heat capacity ratio (g and the thermal
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conductivity of stack sheets (k,) at 85% porosity (Eq. (15))
compared to the published literature [1, 5, 31, 32]. This
improves the accuracy of the theoretical results (Eq. (16))
by deducting the reverse conduction of heat from AHX
to CHX. It acts as an additional heat load on CHX, lead-
ing to an increase in acoustic power dissipation W, in
the CHX (Table 5).

With reference to Tables 6, 7, and 8, the theoreti-
cal results (COP and COPR) are higher than the Del-
taEC results since the theoretical design assumes that
the driver provides the necessary acoustic power input
W, to the resonator without BVGS system (Figs. 1 and
5). It neglects the electromechanical properties of the
driver and its losses. It also neglects the effect of damping
because of the variations in the resonator size and shape
(tapering, convergent-divergent section, and hemisphere)
cause turbulence, acoustic resistance, and flow losses of
the oscillating gas. This affects the resonance frequency f,
the sound velocity u, and hence the total resonator length
L, as found in the published literature [33].

6 Conclusions

In this paper, the design of 500 W thermoacoustic cool-
ers for a temperature difference of 28 K using helium
and air operating with 10 bar pressure subjected to 3%
drive ratio at the constant AHX temperature of 301 K is
discussed. The effect of gas spacing (2y) as a function of
thermal penetration depth (§,) and resonance frequency
(f) is discussed in Section 2. The stack-heat exchanger
sheets spacing 2y=44, is the best for both helium and
air considering better stack sheets spacing and thick-
ness (Table 2), which makes the construction easier, and
improves the performance of the stack (Table 5). The
increase in resonance frequency of air decreases the vis-
cous and thermal penetration depths (Table 1) which
in turn decreases the stack sheet spacing and thickness
(Table 2). The stack diameter and performance of the
stack decrease with an increase in frequency because of
an increase in acoustic power input to the stack due to
the acoustic turbulence of the oscillating gas (Table 5).
For the resonator with air has a 38% reduction in length
and a 2.2% reduction in total volume, leading to a 12.4%
increase in COP and 3.7% increase in power density com-
pared to helium (Table 6).

The DeltaEC predicts a 35.4% decrease in cooling
power, a 21.9% decrease in COP, and a 48.6% decrease in
electroacoustic efficiency of the driver for air, leading to
a 60.6% increase in electrical power input to the driver
and a 28.4% increase in total heat rejected by the AHX
with BVGS system compared to helium (Table 8). This is
because of the increase in acoustic resistance due to the
low velocity of the oscillating air compared to helium
(Table 1). Referring to Table 9, at 500-W cooling power,
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the DeltaEC predicts the temperature difference of 21 K
for helium and 1 K for air. This leads to an increase in
the CHX temperatures of 6.7 °C at the COP of 1.36 for
helium, and 26.7 °C at the COP of 1.43 for air, which in
turn increases the temperature of the cooling chamber
(Fig. 1). This is because of the increase in acoustic non-
linearities of the oscillating gas due to acoustic imped-
ance and gas turbulence at higher cooling power of the
refrigerator as discussed in Section 5. The cooler shows
an increase in power density of 61.2% with helium and
91.8% with air compared to the published literature
found elsewhere [3]. Similarly, the DeltaEC predicts a
58.4% increase in cooling power and an 8.6% increase in
COP for helium, and a 61.2% increase in cooling power
and a 36.6% increase in COP for air compared to the pub-
lished results [3]. The design and optimization method-
ology discussed in this paper will guide the designer in
optimizing the design and development of the efficient
and low-cost eco-friendly thermoacoustic refrigerators in
the near future.

7 Nomenclature
AHX  Ambient heat exchanger

Ay Cross-sectional area of back volume of loud-
speaker, cm?

Ay Cross-sectional area of vibrating diaphragm of
loudspeaker, cm?

A, Total resonator surface area, cm?

Ay Cross-sectional area of stack, m>

Bl Force factor, NA™! or T-m

BVGS Back volume gas spring

CHX  Cold heat exchanger

COP  Coefficient of performance of cooler

COPC Carnot’s coefficient of performance

COPR Coefficient of performance relative to Carnot’s
COPg  Coefficient of performance of stack

c Wave number of gas, cym™!

G Specific heat of gas at constant pressure, Jkg~* K™
C, Specific heat of gas at constant volume, Jkg ™! K™
D Drive ratio

d, Stack diameter, mm

d, Throat diameter, mm

d, Diameter ratio, d,/d,

E Electrical power input to loudspeaker, W

f Resonator frequency, Hz

fi Driver frequency, Hz

Gas A Gas area in resonator system, m*

HX Heat exchanger

kg Thermal conductivity of gas, Wm ™ K~!
k, Thermal conductivity of stack, Wm ™' K™!
L Length of large diameter tube, m

L, Length of taper, m

Ly Length of divergent section, m
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LDTAR Loudspeaker driven thermoacoustic refrigerator

L, Electrical inductance of loudspeaker, H

L, Total resonator length, mm

/ Half-sheet thickness of spiral stack-heat
exchangers, pm

21 Sheet thickness of spiral stack-heat exchangers,
pm

A Distance between loudspeaker and ambient heat
exchanger, mm

ly Length of ambient heat exchanger, mm

A Length of stack, mm

Iy Length of cold heat exchanger, mm

by Length of back volume system, mm

m Moving mass of driver, g

NSLCC Normalized stack length and center combination
P Average gas pressure, bar

P, Acoustic or dynamic pressure amplitude, bar

P, Power density of cooler, Wm ™3

Q Cooling power of refrigerator, W

Q Heat lost by loudspeaker, W

Q, Heat rejected by ambient heat exchanger with-
out BVGS system, W

Qr Total heat rejected by ambient heat exchanger

with BVGS system, W

R, Mechanical resistance of loudspeaker, Nsm ™!

R, Electrical resistance of loudspeaker, Q

r Hemispherical radius, mm

s Loudspeaker spring stiffness, Nm™!

T Average gas temperature, K

TDH  Taper and divergent section terminated with

hemispherical end
TSDH Taper with small tube and divergent section ter-
minated with hemispherical end

T, Temperature of cold heat exchanger, K

T, Temperature of ambient heat exchanger, K

Tng Mean temperature of gas between heat exchang-
ers, K

Tox Mean temperature of ambient and cold heat

exchangers, K

u Velocity of oscillating gas, ms™
VLT  Volume left to taper, L

VT Volume of taper, L

VRT  Volume right to taper, L

1

Vi Resonator volume ratio, VRT/VLT

Vi Total resonator volume, L

W, Acoustic power input to resonator, W

W, Acoustic power dissipation in resonator, W

W, Acoustic power dissipation in stack, W

Wax Acoustic power dissipation in ambient heat

exchanger, W
W, Acoustic power dissipation in resonator left to

rax

ambient heat exchanger, W
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W, Acoustic power dissipation in cold heat
exchanger, W

W.«  Acoustic power dissipation in resonator right to
cold heat exchanger, W

W, Total acoustic power dissipated in stack, heat
exchangers, and resonator, W

w Acoustic power loss per unit surface area of res-
onator, Wm ™2

X Stack center position, mm

y Half-gas spacing in stack-heat exchanger sheet, um
2y Gas spacing in stack-heat exchanger sheet, pm

8 Greek Symbol

Oy Thermal penetration depth, mm
6, Viscous penetration depth, mm
€ Porosity of stack-heat exchanger system

B Thermal expansion coefficient, K

Y Ratio of specific heats

r Normalized critical temperature gradient

p Mass density of gas, kgm™>

Vi Electro-acoustic efficiency of the loudspeaker, %
o Gas Prandtl number

A Wavelength of the oscillating gas, m

1) Angular frequency of acoustic wave, rads ™
n Dynamic viscosity of working gas, kgm™'s~
Temperature difference between hot and cold
heat exchangers, K

0. Critical temperature difference between hot and
cold heat exchangers, K

0, Normalized temperature gradient between hot
and cold heat exchangers

0, Diverging angle in the buffer volume, degree

1

9 Subscripts

c Critical

n Normalized
s Stack

t Total
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